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Abstract

Microchannel condensers have dominated the automotive a/c market by maximizing performance for a
fixed size and weight, but must operate as evaporatorsif they are to be used in heat pumps. This report presentsa
microchannel evaporator model, along with experimental validation. The new model structure provides a user-
friendly interface and makes it much easier to have good initial guesses. Two different approaches for predicting
wetted surface heat and mass transfer are discussed and compared, and the effects of inlet humidity and inclination
angle were explored experimentally.

Superheat measurements were used, together with the model to detect significant refrigerant
mal distribution that reduced capacity approximately 3%. Frost patternswere used to observe two-phase flow
distribution in amicrochannel evaporator, and the balance between inertial, gravitational and shear forces was
investigated for the vertical headers.
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Chapter 1 Evaporator Model Development and Validation

The simultaneous micro-channel evaporator simulation model was initially built by Yin (1999) using
Engineering Equation Solver (EES, Klein and Alvarado, 1999). However, the program had two prominent
limitations. Oneisthat many initial guesses were required, sometimes for obscure values, which caused great burden
on the user. The other isthat it lacked a clear model structure. A good heat exchanger model structure isimportant
and necessary due to complex heat exchanger geometries, different refrigerant flow configurations and alternative
correlations. Based upon this simultaneous model, the evaporator model with new model structure was devel oped.
The number of initial guess values was reduced substantially, also the model was made clearer and easier to use.

To create a structure for the heat exchanger modeling, the new nomenclature of a‘module’ was devel oped.
A module is defined generally as portion, or sub-heat exchanger, part of alarger complex heat exchanger. A heat
exchanger can be defined by any number of modules.

Each module is a crossflow heat exchanger that is divided into many small elements. Each element is
solved sequentially by a series of heat transfer equations that utilize an e NTU method. This method reduces, but
does not completely eliminate the simultaneous nature of the heat exchanger equations for each element. The

remaining implicit, if any, equations are solved with small successive substitution algorithms within each element.

1.1 Model structure
The evaporator simulation model consists of several parts: Main Program EvapCal Procedure, Choose

Procedure, several Element-solving Procedures, aUser Library including all general procedures and functions
calculating fin efficiency, heat transfer coefficient, etc.

Main Programis the interface between the user and model. The structure of Main Programis shown in
Figure 1.1. The inputs for Main Programconsist of several parts. the geometry inputs; the operating condition
inputs; the number of elements and others. After receiving these inputs, the main program calls GeometryCal
Procedure and AreaCal Procedure to calculate the geometry and area parameters, then it callsEvapCal Procedure

and passes all the necessary information to the latter.

Number of elements
and other parameters

l

Geometry | MainProgram |«  Operding
inputs condition inputs
/ | \
A 4
GeometryCal AreaCal EvapCal
Procedure Procedure Procedure

Figure 1.1 Main program structure
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EvapCal Procedure
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Element geometry many times Element modeling results
Element inlet conditions
Choose Procedure
A
Element geometry _
Element inlet conditions Element modeling results
Caled once
Element-solving Procedure
A
Calling arguments Calculated results
Called once
\

Proceduresin the library

Figure 1.2 Evaporator model data flow

Figure 1.2 shows the data flow for the evaporator model. As shown in Figure 1.2 the program runsin the
following way.
User specifiesthe heat exchanger geometry, operating conditions, control flags and other useful information
required by Main Programthrough a parametric table.
Main Program calls GeometryCal Procedure and AreaCal Procedure to calculate the geometry and area parameters,
then it callsEvapCal Procedure and passes all the necessary information to the latter.
The heat exchanger circuiting is set in EvapCal Procedure. EvapCal Procedure calls Choose Procedure repeatedly
depending on the amount of the elements when it marches through the heat exchanger. The geometry information
and inlet conditions of each element, and forward-control-flag (defined below) are passed to Choose Procedure.
Theinlet condition of each element is checked by Choose Procedure to determine if this element isin two-phase
zone or superheat zone. Then Choose Procedure does some calculation to find out if the surfaceistotally dry, totally
wet or partially dry partially wet. Then it chooses and calls the appropriate Element-solving Procedure.
Once called by Choose Procedure, an Element-solving Procedur e gets the element geometry parameters and inlet

conditionsfrom Choose Procedure and cal culates the heat transfer and refrigerant pressure drop etc. for the element.



During this process, Element-solving Procedure calls general procedures and functionsin the User Library when
needed.
After each element is simulated, the results are returned from Element-solving Procedure to EvapCal Procedure
through Choose Procedure and stored in an array in EvapCal Procedure.
After completing the calculation for all the elements, the final results are summarized in EvapCal Procedure, such
asthe predicted total heat transfer rate, refrigerant exit quality etc. Then they are transferred to Main Program
Some parameters are defined as input and others output in the procedures, and they are fixed while
executing the program. However, from the user’ s perspective there are several groups containing certain kinds of
parameters, and the parameters in the same group are interchangeable. That is, given some of the parameters, no
matter they are defined as input or output in the procedure, the procedure can calculate the corresponding
interchangeabl e parameters due to the capability of EES solving equations simultaneously.
Thereisone control flag set in the Main Program, forward-control flag. It is part of the input arguments of
the EvapCal Procedure. The model always marches downwind and the forward-control flag specifies the marching

direction: upstream marching or downstream marching.

1.2 Model validation
The validation of the new evaporator model was conducted using experimental data from the second

generation of a CO, mobile air conditioning system with a micro-channel evaporator. The details about the test
facility refer to Giannavola and Hrnjak (2001). The details of the heat exchanger description refer to Chapter 3.

1.2.1 Heat transfer and pressure drop correlations
Theair side heat transfer correlation selected for the model was proposed by Chang and Wang (1997). It

was sel ected because it covered the widest array of geometries and is one of the most recently published louvered fin
air side heat transfer coefficient correlations.
The Chang and Wang correlation was defined in terms of the dimensionless heat transfer coefficient, the

Colburn j-factor:

,.-0.05

j =Re,, 04gaeq o Yoo aFl 0 ado @l o 8aél‘po 'zs%ifg @
%0y Elp; Ep; Elp; Bipg Elps Sins '

The above correlation can be used in the Reynolds number range from 100 to 3000 based on the louver
pitch. The Reynolds number of our experimental datalay between 125 and 540.
Hwang' s correlation (1997) was selected for the refrigerant side heat transfer calculation in the model since

it was devel oped based on CO, evaporation tests:

h =h, +h, (12)
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Refrigerant two -phase pressure drop can be expressed as sum of pressure drops due to friction and

momentum change:

DP,, = DP, + DP, (L7)

Pressure drop dueto frictionis

1
DP, = DPIO[&c‘j o ax]

2 (1.8)
oP, = 2f,G’L
rd
Where f|, isthe liquid Fanning friction coefficient.
Two-phase multiplier, f|, is expressed as (Souza and Pimenta, 1995):
f IO2 =1+ (GZ _ 1)Xl.75 (1+ 09524®<n 0.4126) (19)
G=(r,/r,)*(m,/m)°** (1.10)
Pressure drop due to momentum change can be defined as:
S 1- x> (- u
me=c;2§}_ X ( X;)" # 1| ( x)" B (1.12)
gr.a. r(la)igr a, r(1a)[\;g
Where a isvoid fraction (Zivi, 1964):
(1.12)
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1.2.2 Validation results

1.2.2.1 Dry surface
A series of testswere run under dry test conditions for indoor heat exchanger in cooling mode. The range

of air face velocity isfrom 1.7 m/sto 7.0 m/s.

Energy balance was measured by three independent methods (chamber, refrigerant and air side). The
chamber capacity measurement is always has smaller uncertainty than the other two capacity measurements. So
chamber capacity is used to compare with the model results. Figure 1.3 to 1.4 compare the model predictionswith
the measured data. As shown in Figure 1.3, the model predicts the capacity within £3%. Figure 1.4 showsthat the
model systematically underpredicted the refrigerant pressure drop. For a similar heat exchanger subjected to
extensive nitrogen flow testing, Yinet al (2000) found the average port diameter to be 94% of nominal and that 39%
of portswere blocked. These estimates were confirmed by dismantling the heat exchanger, measuring port
diameters and counting the number of ports blocked by brazing flux. Therefore blocked ports might explain the

disparity between the model prediction and pressure drop data.
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Figure 1.3 Comparison of calculated and measured capacities under dry test conditions
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Figure 1.4 Comparison of calculated and measured refrigerant pressure drops under dry test conditions



1.2.2.2 Wet surface
The model method for wet surface is discussed in detail in Chapter 2. Figure 1.5 to 1.6 compare the model

predictions with the measured data. As Figure 1.5 and 1.6 illustrate, the simulation model predictions of total

capacity and sensible capacity are all scattered about the zero error linein afairly narrow range.
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Figure 1.5 Comparison of calculated and measured capacities under wet test conditions
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Figure 1.6 Comparison of calculated and measured sensible capacities under wet test conditions

1.2.2.3 Validation summary
The agreement between the model predictions and the experimental data confirm the validity of the new

model structure. This evaporator model will be embedded in the simulation system in the future work.



Chapter 2 Model Methods for Wetted Surface Evaporator

In this chapter, two different approaches for predicting wetted surface heat and mass transfer are discussed.
The first approach uses temperature and humidity ratio driving potentials for heat and mass transfer, and determines

surface temperature directly. The second approach makes use of amoist air enthal py-based driving potential.

2.1 Temperature and humidity ratio driving potential

2.1.1 Fundamental equations
The rate of sensible heat transfer from the water surface to the air  can be calculated by the one-

dimensional convection equation
da, = hdA,(t, - t,) 1)
Where (, = rate of sensible heat transfer, W
h, = convection coefficient, W/nfK
t,, = wetted surface temperature, °C
t, = air temperature, °C
Thetransfer of heat due to the evaporation
dq| = hDdAa(Wa - Wp)hfg (2.2)
Where Q, = rate of latent heat transfer, W
hD = mass transfer proportionality constant, kg/nf-s
W, = humidity ratio of saturated air at wetted-surface temperature
hfg = |atent heat of water at wetted-surface temperature, Jkg

There exists a proportional relation between hy and h,

h, :L}/ 2.3)
C,mLe”
Where C , isthe specific heat of moist air, Jkg-K

The use of the heat and mass transfer analogy results in the following relation for the heat transfer rate to

the surface:

dqt :dqs +dq| = hcha(ta - tp)-'-L;/d'A‘a(\Na - Wp)hfg

3
C,mLe (2.4

Therate of heat transfer from the refrigerant to the water surface (), can be calculated as follows



dqt = hr dA (tp B tr) (2.5
Where h, = refrigerant heat transfer coefficient, W/nf-K

t, = refrigerant temperature, °C

2.1.2 Finite element method
Using finite element method as shown in Figure 2.1, these one-dimensional prediction results should yield

an exact solution for the two-dimensional caseif the elements are small enough. The tube surface temperature is

assumed isothermal for each element.

Air inlet
temperature
Surface o Air outlet
temperature~_ ——— ' ltemperature
\\\\\L
Refrigerant
]

-~ temperature

Figure 2.1 Schematic of finite element method

Using Euler’ s method, the governing equations for each element are the simplest as follows.

Heat transfer between refrigerant and surface

Q :hrA(tp' tr) (2.6)

Sensible heat transfer between surface and air

a,i +tao O
QS:hchoAai' : )2 _tpE,
(2.7)

Latent heat transfer between surface and air

Q =hp Aahogélva'i +Wa'0)2 " Wo gqu
9 (2.8)

2.1.3 McQuiston's method
This method is based upon a suggestion by McQuiston (1975) for calculating the sensible and latent heat

transfer rates separately. He suggests that the sensible heat transfer rate is computed in the usual way (the same as

for dry surface):

Qs = U'AhhoDTlm (2'9)



_ (ta,i - tr,i) - (ta,o - tr,o)

DTlm - .
Inaa,i - tr,i 9
tao - tr o B
Where ’ ' (2.10)
i = i + L
U hOhC hA (2.11)
The latent heat transfer may be computed as follows
Ql = hD Aah ODI\Ilmhfg (212)
Assume Dw,, hasthe sameformas DT,
D/V — (\Nal Wpl) (\Na,o Wpo)
Im — L
lnaa/vavi -W,; 9
§Wa,o “Woo g (2.13)

It should be noted that Equation 2.9 is strictly valid only for dry surfaces. Thisrestriction is aresult of the
fact that it is otherwise not possible to relate the sensible heat transfer rate to the air and refrigerant temperatures
using a heat transfer resistance network.

Although this model method is simple and straightforward, sometimes it may cause large errors. So this

method will not be used to predict the heat exchanger performance in the following discussion.

2.2 Enthalpy driving potential
There are two methods using the enthal py difference between the moist air and the condensing surface as

the driving force. One islogarithmic mean enthal py method; the other is NTU method. The NTU method isjust an
alternative computational approach. The underlying physical assumptions and therefore the results of the two
methods are the same. Concerning computation, the NTU method converges more easily.

2.2.1 Fundamental equations
The enthal py potential method can be derived from Equation 2.4:

h
dqt :dqs +dq| = hcha(ta - tp)+Cpm—|C_egédAa(\Na - Wp)hfg

Rearrangement of this one-dimensional equation yields

h. oee h.w, 0 a h,w_ 60
=g, &t s Cantem IO
3 . 1 3 e
Over asmall temperature range, the enthal py of air can be approximated as
ha = Cp,mTa +Wahfg (2.15)



After some algebraic manipulations, Equation 2.14 and 2.15 lead to the relationship

dqt = h gha- hs,p)+(\Np - Wa)hfg’gq- Le%g“gdAa

Com (2.16)

The second term inside the brackets in Equation 2.16 is 3-4% of the total bracketed term. Dropping this
term yields the enthal py potential method of calculating heat transfer to a condensing surface

h
dg, = =

(ha - hsp)dAa

p.m (2.17)
Where hs, p = enthalpy of saturated air at the wetted-surface temperature, kJ/kg

Kuehn et al. (1995) used Equation 2.17 as the starting point in deriving the logarithmic mean enthal py
method, which is commonly used to calculate cooling coil performance (ARI 1987, Threlkeld 1970, Stoecker and
Jones 1982). Kuehn et al. assumes that a moving film of water is formed on the surface by condensation of moisture

from the air stream. Equation 2.17 becomes

—_ hC

C (ha - hsw)dAa

p.m (2.18)

da,

Where hg,, = enthalpy of saturated air at the water-air surface temperature t,,, kJ/kg. However the

resistance of the water film is often neglected, reverting to Equation 2.17.

Besides Equation 2.18, another relation will be used repeatedly in subsequent sections of this chapter. We

will assume that over asmall range of temperature, the enthal py of saturated air hS may be represented as

h, = a+bt, (2.19)

Assume that heat conduction through the water film occursin only one direction. We have

k
dg, = —W(tw - tp)dAa (2.20)
Yu
Where kW and Y, are, respectively, the thermal conductivity and thickness of the water film. By
Equation 2.19
Kk
dg, = — (hS,W - hs,p)d'% (2.21)
beW
h..-h
Where b, = ————>% (2.22)
w tp

By Equation 2.18 and 2.21, we obtain
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ho

W

= (h, - h, )dA, (223

(2.24)
/ + Y /

The local rate of heat transfer inside the tube:

Where h, , =

q, = hr dA (tp - tr) (2.25)
By definition, let
hs p - hsr

= > 2.26

S S 4 (220

Where hs,p and hg, arefictitious enthalpies of saturated moist air evaluated at the respective temperatures
t, and t, . By Equation 2.25 and 2.26, we obtain

dqt = hrbLAr(hs,p - hs,r ) (2.27)
R

The enthal py change of refrigerant is calculated as follows

dg, =dmC,, (t,- t.,) (2.28)

If the refrigerant temperature change is small, we can assume the quantities @, and br as constantsin the

relation h,, = a, + bt .Wehave

dqt = drnl;i (hs,r,o - hs,r,i ) (2.29)

"

hs’r'i and hs’r’O are, respectively, fictitious enthal pies of saturated air calculated at the entering and
leaving refrigerant temperatures.

The enthalpy change of air is calculated as follows

dqt = dma (ha,i - ha,o)

(2.30)
Where ha’i and ha'0 are, respectively, the true enthal pies of the entering and leaving air stream.
2.2.2 Analogy between dry and wet heat transfer equations
For dry surface conditions the heat transfer equations are
dg, = h,(t, - t, A, (2.31)

11



dg, =h, (t, - t,)dA (2.32)
dg, =dmC,, (t,, - t..) (2.33)

dg, =dm,C,,(t.; - ta,) (2.34)

For wet surface conditions the heat and mass transfer equations are

dg, = %(ha - h, ,JdA, (2.35)
hd

dq, = f—'.A*(hS’p - hs,r) (2.36)
be

dg, = dmbﬁ(hw -h,,) (237)

dg, =dm, (h,, - h,,) (2.38)

Comparing the heat transfer equations for dry and wet surface conditions, we find that there is an analogy
between the two sets of equations. The differenceisthat the driving potential is enthalpy difference for wet surface
instead of temperature difference for dry surface. We may recall that for dry surface where only sensible heat
transfer occurs, temperature difference between the two fluidsis given by the logarithmic mean temperature
difference, and NTU method is an alterative method. We can also show that by analogy logarithmic mean enthal py
method and NTU method for wet surface can be derived.

2.2.3 L ogarithmic mean enthal py method
We can show that, with certain approximations, for pure counterflow the mean air enthalpy differenceis

given by
Q =U,,ALMhD (2.39)
(hai - hsri)- (hao - hsro)
Where LMhD =+ 5" 0 St (2.40)
-h.. 0O
In a,i S,T i _
hao hs,r,o B
We may show that
1
§] (2.41)

o bRIAa + b""'m(l- hF'W) + By
Ahr ho,w(A /AF +hF,W) hO,W

Where b, , isevaluated at the mean surface temperature of the water film onthefin. h  isthefin

efficiency for wet surfaceand A isthefin area



2.2.4 eNTU method
Recall the derivation of eeNTU method for dry surface condition, the e NTU method for wetted surface

condition can also be derived using some anal ogy.

_ mn|m_,imC_, /b
Cr - len = L a ( P, / )J_ (2.42)
Cpoc  Max|m,,(mC,, /b )
3 0.22 T
e=1- expj MY el ¢, NTU™)- 1]2 (2.43)
| r
If the refrigerant temperature is assumed constant, we have
e=1- exp(- NTU) (2.44)
- U o,wAa
NTU = % min (245)
Qmax = ma(ha,i - hs,r) (2.46)
Q =Quu (247)

Where U |, iscalculated using Equation 2.41.

2.2.5 Summary of assumptions for both enthal py driving potential methods
A relatively small term is neglected to obtain that the driving forceis the moist air enthalpy difference.

Assume that over a small range of temperature, the enthal py of saturated air hS may be represented
aShS =a+ht,
The two methods are restricted to cases where the refrigerant temperature change is small, since in the derivation it

a b hs,r = ar + brtr

is necessary to assume the quantities ~* and T as constantsin the relation

. . ' b .
Some error may arise when determining by and "™ as described below.
The tube surface temperature and mean surface temperature of the water film on the fin usually is not

uniform. Some error may arise when determining b, and B, m - Fortunately, the evaluation of b, and by, m will

not cause big error if these temperatures do not change too much. One way to determine bR' isto calculate the

average tube surface temperature as follows

Qt = hr A (t p.avg tr,avg) (2.48)

bR' can be calculated using the average surface temperature:

h h

b ! — S, p,avg S,r
R

2.49
" " (2.49)

pavg ~ °r

13



To establish a procedure to determine b,

w,m ?

we begin by definition of fin efficiency for wetted surface

ha_ hsp
hFW:—’
: h -h

a F,m

(2.50)

Where h. . isthefictitious saturated enthalpy of moist air evaluated at mean fin temperature t .

Make the approximation h. . =h,, = (Resistance of water filmis negligible), we have

ha - hs p
hg, =——— (2.51)

" ha - hs,w,m

Oneway to calculate hS’W’m isto use average air enthal py

h h

he, =—28 =P 2.52
e ha,avg - hs,w,m ( )
Where h, .o = (hy; + N, )/2 (2.53)

The derivation of wet fin efficiency is completely analogousto dry fin efficiency. We find that solutions for

efficiency of dry finsalso apply for efficiency of wet finsif we substitute hO’W for the wet finin place of hC for the

dry fin.

_ tanhmL

he (2.54)

W

mL
/ho w
Where m = AF y) (2.55)

Equation 2.52 allows determination of t,, . and therefore b, . through calculation of the enthalpy of

saturated air, hg ,, .
Figure 2.2 shows how nearly the saturated air enthal py approximates alinear function. And Figure 2.3

shows how b varies with temperature using numerical derivatives.
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Figure 2.2 Enthalpy of saturated air as a function of temperature for standard atmospheric pressure
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Figure 2.3 basafunction of temperature for standard atmospheric pressure

2.3 Comparison and discussion

2.3.1 Predicted total capacity comparison of different methods
One microchannel crossflow evaporator and one operating condition are chosen to compare the model

results using different methods. The airside heat transfer coefficient varies from 50 to 300 W/nf-K to simulate
different operating conditions. To facilitate comparison, several assumptions are made as follows: 1) Assume that

the refrigerant temperature is constant; 2) The surface efficiency isassumed 1 for all the methods; 3) The fouling
factor and wall resistance are negligible; 4) bW’m isevaluated at the average tube surface temperature because the
average fin surface temperature is the same as the average tube surface temperature when the surface efficiency is

assumed 1. And bR' is calculated using the average tube surface temperature and refrigerant temperature.

15



The evaporator heat transfer area, airside and refrigerant side heat transfer coefficient and operating
condition are shownin Table 2.1.

Figure 2.4 shows that the moist air enthalpy method (including logarithmic mean enthal py method and
NTU method) underestimates total (sensible plus latent) heat transfer by 0.2% to 2% compared with finite element
method. The differenceis partially due to the assumptions required to derive the logarithmic mean enthal py

relationship (linear relationship between the saturated temperature and enthal py, ignored small term, evaluation

of b). The disparity between the NTU method and LMhD method is very small; the maximum error is 0.03% due to
roundoff error. NTU method and LMhD method have the advantage of greater computational efficiency, since the
heat exchanger’ s performance is determined by equations, which require only the inlet and outlet conditions of the
two fluid streams, and there is no need to calculate surface temperature explicitly. NTU method has an additional
advantage over the LMhD method because the program converges more easily due to the sequential nature of the

equations.

Table 2.1 Conditions assumed to compare methods for wetted surface

Heat transfer area Airside heat transfer area, A, 4.079nf
Refrigerant side heat transfer area, A 0.7487nt
Operating condition Air inlet temperature, t, | 12.53°C
Air flow rate, m, 0.530kg/s
Air inlet humidity, W ,; 0.00743
Refrigerant temperature, t, 2.435°C
Refrigerant flow rate, m, 0.4793kg/s
Heat transfer coefficient Refrigerant heat transfer coefficient, h, 1411W/nf-K
Air heat transfer coefficient, h, 50~300 W/nf-K

s x log mean enthalpy method

' « NTU method

3.5 .

Predicted capacity (kW)

2.5 .

Predicted capacity using finite element method (kW

Figure 2.4 Capacity comparison using different methods
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2.3.2 Discussion of logarithmic mean temperature/humidity difference between air and surface
Some models and papers did not use the three methods mentioned above, instead, they used logarithmic

mean temperature/humidity difference between air and surface as McQuiston did. However, no one has ever
qguantified the error it introduced. In this part we try to quantify the error under different conditions and to see
whether the logarithmic mean temperature/humidity difference is a good approximation or not.

Recall that finite element method can give usthe correct prediction results and the temperature/humidity
distribution. So

1. Thefinite element method is used to obtain the “correct” results.

2. Theaverage surface temperature is determined by the heat transfer between refrigerant and
tube surface using a one-dimensional approximation.

_ Q
pavg h Ar

Where Q, isthetotal heat transfer predicted in #1.

t

+t, (2.56)

3. Thelogarithmic mean temperature/humidity difference between air and surface are calculated
using the calculated air outlet temperature and humidity in #1 and the average tube surface
temperaturein # 2.

4. Thesensible and latent heat are cal culated using the logarithmic mean temperature/humidity
difference and compared with the “correct” results. Thus, we can check whether the
logarithmic mean temperature/humidity difference calculation between air and surfaceis a
good approximation or not.

Using the same microchannel crossflow heat exchanger and operating conditionsin Table 2.1, airside heat

transfer coefficient was varied to obtain awide range of air and refrigerant thermal resistance ratio.

3.5

Predicted sensible heat (kW)

1L _o— finite element method i

05 —o—LMTD between air and surface i
1 L 1 L 1 L 1

50 100 150 200 250 300

Airside heat tranfer coefficient (W/mZK)

Figure 2.5 Comparison of sensible heat between finite element method (N=20) and logarithmic mean
temperature difference between air and surface method
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Figure 2.6 Comparison of latent heat between finite element method and logarithmic mean humidity difference
between air and surface method
Figure 2.5 and Figure 2.6 show that the logarithmic mean temperature/humidity difference between air and
surface is agood approximation when the ratio of air resistance and refrigerant resistance is large. However, the
error increases with the decrease of the ratio. To understand this, we begin by writing the relation for the differential

area
m,dw, =h,dA (w, - w ), (257)
m,C,.dt, =h.dA(t, - t,) (2.58)

If the tube surface temperature t pr thus saturated humidity at the surface, W b is assumed constant, we can

find that logarithmic mean temperature/humidity difference between air and surface isvalid after integration. If the
ratio of air resistance and refrigerant resistanceis large, the tube surface temperature is close to refrigerant
temperature and almost constant along the evaporator depth. The changes of the tube surface temperature and the
saturated humidity at the surface temperature are very small from the leading edge to the trailing edge. The
logarithmic mean temperature/humidity difference between air and surface is a good approximation in this case.

2.3.3 Sensible and latent heat separation for enthal py potential method
We have to separate the sensible and latent capacity for enthal py potential method after the total capacity is

obtained. The simplest way to implement it is to assume that the tube surface temperature is uniform and the average

tube surface temperature t can be determined by Equation 2.56. The arithmetic mean temperature difference

p. avg
between air and surface is used to cal cul ate the sensible capacity.
_ i 6

Qs _I‘]C'A‘ahoéaI ao)2 - tp,avg :

2 (2.59)
2

The latent capacity is backed out

Q=Q-Q (2.60)
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Another way to implement it is to assume that the tube surface temperature is uniform and the average tube

surface temperature t can be determined by Equation 2.56. The arithmetic humidity difference between air

p.avg

humidity and saturated humidity at t is used to calculate the latent capacity.

p.avg

-+ 0
Q =h, pﬁhofﬂ/a. WaO%- ngnfg (2.61)

The sensible capacity is backed out

Q=Q-Q (2.62)

Because latent capacity isalmost always smaller than sensible capacity, the second method will introduce

smaller relative error by calculating latent capacity first.
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Chapter 3 Refrigerant Mass Flow Distribution for MAC2 Indoor Heat Exchanger in
Cooling Mode

3.1 Introduction

MAC2 indoor heat exchanger servers as an evaporator in cooling mode with four refrigerant inlets. A
conventional conical distributor with four outlets, supplied by Sporlan Vave Company, is used in the MAC2 mobile
air-conditioning test facility in order to get uniform refrigerant distribution among the four circuits.

The refrigerant mass flow distribution among the four circuits can be observed by measuring the
superheated temperatures of the refrigerant at the four outlets. Identical temperatures may imply auniform
distribution, while different temperatures may indicate a maldistribution. In the latter case, a higher superheated
temperature indicates a lower mass flow rate of refrigerant while alower superheated temperature indicates a higher

mass flow rate in the respective circuit.

Refr. in

Alrin Distributor

. cemecaa
' '
| '
' #1 ‘ #2 #3 #4 :
'
i i
! Evaporator {
' '
' Terol(d) Tero2 Tero3 () Tero4 !
] ]
i | | i
'

! Y y !
| |
L EE - - |

) |

Refr. out

Air out Air out

Figure 3.1 Arrangement of refrigerant circuits and thermocoupl es.
#1--#4 refer to the four refrigerant circuits.

Figure 3.1 shows the arrangement of the distributor and thermocouples. The distributor is connected to the
evaporator inlets using four identical copper tubes. Four thermocouples are immersed into the four outlet tubes of
the circuits, respectively, measuring the outlet temperatures Terol, Tero2, Tero3 and Tero4. One thermocoupleis
placed into oneinlet (#4) tube to measure the inlet temperature Teri. The other three inlet temperatures are equal to
the measured one because theinlet state of refrigerant isin two-phase and we assume that the pressures at the four
inlets are identical.

Figure 3.2 shows the evaporator configuration.
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Figure 3.2 Evaporator configuration

3.2 Approach
A detailed model of the heat exchanger is used to calculate refrigerant mass flow rate in each of the four

circuits, based on experimental measurements. Key assumptions of the model are:

Airflow isevenly distributed.

The heat exchanger consists of three slabs, however, two of them with the same refrigerant flow direction can be

considered one slab to make the computation easier.

Chang & Wang correlation is used to calculate air side heat transfer coefficients.

The refrigerant pressure drop correlation is multiplied afactor to approximate the experimental pressure drop data.
The sequential marching finite volume method is used in the model. To check if it will introduce new

numerical error, the model results were compared with those obtained by solving all elements simultaneously using

the Newton-Raphson algorithm, and the difference was negligible. So we believe that the sequential marching

method will not introduce new numerical error.

3.3 Experimental design
This part focuses on answering the question: what isagood test condition to determine the refrigerant

mal distribution problem?

3.3.1 Very large superheated area does not help to determine the distribution
Two tests (Test 1 and Test 2) were carried out with refrigerant exit temperature highly superheated. Table

3.1 shows the experimental data. Test 1 is chosen to analyze.
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Table 3.1 Experimental datawith refrigerant exit highly superheated

Item Test 1 Test 2

Air inlettemperature, Teai [°C] 39.72 48.91
Average air outlet temperature (average value at 18.39 32.44
Air flow rate, ma [kg/s] 0.179 0.228
Refrigerant inlet temperature, Teri [°C] -3.16 -2.94
Refrigerant inlet quality, x 0.265 0.288
Terol 9.80 21.04

Refrigerant outlet temperature, Tero2 964 18.89
Tero ['C] Tero3 10.36 18.64
Tero4 9.96 18.63

Refrigerant saturated temperature at outlet -3.49 -3.23
Refrigerant outlet pressure, Pero [kPa] 3147 3196
Superheat, ? Tsup [°C], ? Tsupl 13.29 24.27
(Tero-Terosar) ? Tsup2 13.13 22.12
? Tsup3 13.85 21.87

? Tsup4 13.45 21.86

Refrigerant mass flow rate, mr [g/s] 19.96 20.43
Cooling capacity, Q [kW] 3.91 3.70

Therefrigerant outlet temperatures for our circuits are very close to one another (lessthan 1°Cin Testl).
The model isused to find out if it indicates good distribution.

The evaporator is composed of four sub-heat-exchangers as shown in Figure 3.2. One of them is modeled
first assuming that the refrigerant distribution is perfect. That is, the inlet quality and inlet pressure are the same as
the measured values, and the refrigerant flow rate for each sub-heat-exchanger is ¥4 of the measured total flow rate.

The model result is shown asin Table 3.2.

Table 3.2 Model result for Test 1

ltem Model result
Air average outlet temperature, Teao [°C] 17.86
Refrigerant outlet temperature, Tero [°C] 11.34
Superheat, ? Tsup [°C] 14.49
Refrigeration capacity for each sub-HX, Q [kW] 0.977

The calculated refrigerant outlet temperature is 11.34°C when the refrigerant flow rate of each inlet is
0.01996/4=0.00499g/s. Figure 3.3 illustrates the refrigerant and air temperature distribution. The air inlet
temperature for the first slab is39.72 °C, and the air outlet temperature for the first slab isthe air inlet temperature
for the second slab. One important temperature isthe air inlet temperature corresponding to the refrigerant exit, and
itistheair outlet temperature for the first slab at the start of the refrigerant flow length. (which isabout 11.5°C in
this case). It can be seen that the second slab actually rejects heat to the air due to high superheat achieved in the

first slab. Because the refrigerant exit temperature cannot get colder than the corresponding air inlet temperature, the



refrigerant exit temperature may not be sensitive to the refrigerant flow rate if it approaches the corresponding air
inlet temperature. Figure 3.3 shows that the difference between the two temperaturesis very small, and it implies

that we cannot use the test result under thistest condition to determine if we have a maldistribution problem or not.

S
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Figure 3.3 Refrigerant and air temperature distribution in Test1

Toillustrate that the refrigerant exit temperature is not sensitive to the change of refrigerant flow rate under
this test condition, the refrigerant flow rate for the sub-heat-exchanger is halved while al the other parameters

remain unchanged. The model result for thistest condition is as shown in Table 3.3.

Table 3.3 Model result for Test1 after reducing the refrigerant flow rate

Iltem Model
Air average outlet temperature, Teao [°C] 28.71
Refrigerant outlet temperature, Tero [°C] 12.01
Superheat, ? Tsup [°C] 15.14
Cooling capacity for each sub-HX, Q [kW] 0.492

The model shows that the air outlet temperature is about 10°C higher after reducing the refrigerant flow
rate. However, the refrigerant outlet temperature is not sensitive to the change of refrigerant flow rate: it is about
0.7°C higher. Figure 3.4 illustrates the effect of halving the refrigerant flow ratein Test 1.
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Figure 3.4 Effect of halving the refrigerant flow rate in Testl

From the discussion above, it can be seen that the refrigerant exit temperature is not agood indication of
maldistribution when the superheated areaistoo large. Some other information (e.g. average air outlet temperature,
capacity) is needed to determineif the distribution is good or not.

3.3.2 Another kind of bad test condition
Another experiment was conducted withthe first slab totally two-phase, so the second slab does not reject

heat to the air. However if the heat exchanger effectivenessis high, the refrigerant outlet temperature may approach
the corresponding air inlet temperature because the former cannot get warmer than the latter. Again the pinched exit
condition makes it difficult to determine the maldistribution.

An exampleisgiven below toillustrate this result.

Table 3.4 Example for one bad test condition

Item Test
Air inlet temperature, Teai [°C] 36
Air flow rate, ma [kg/s] 0.51
Refrigerant inlet temperature, Teri [°C] 1.0
Refrigerant inlet quality, x 0.186
Refrigerant mass flow rate, mr [g/s] 44
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Figure 3.5 Refrigerant and air outlet temperature distribution for the bad test condition

Table 3.4 and Figure 3.5 show one example of thiskind of bad test condition. Table 3.4 specifies the test

condition and Figure 3.5 shows the refrigerant and air outlet temperature distribution.

3.3.3 Ideal test condition
Theideal test condition isthat the first slab istotally two-phase, and the temperature difference between the

refrigerant exit and corresponding air inlet is high for the second slab, so the refrigerant exit temperature will be
more sensitive to the change of refrigerant flow rate. Increasing the airflow rate, and increasing the air inlet
temperature or decreasing the refrigerant inlet temperature can help to obtain this test condition.

Table 3.5 shows oneideal test condition.

Table 3.5 |deal test condition

Item Test
Air inlet temperature, Teai [°C] 36
Air flow rate, ma [kg/s] 0.5
Refrigerant inlet temperature, Teri [°C] 1.0
Refrigerant inlet quality, x 0.186
Refrigerant mass flow rate, mr [g/s] 80

Figure 3.6 shows that the refrigerant outl et temperature does not approach closely the corresponding air

inlet temperature.
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Figure 3.6 Refrigerant and air outlet temperature distribution under ideal test condition

3.4 Results and analysis

3.4.1 Experimental data
Based upon the discussions above, one “good” experimental test was conducted to analyze the refrigerant

distribution. Table 3.6 shows the experimental datafor this refrigerant distribution test.

Table 3.6 Experimental data for one refrigerant distribution test

Iltem Test
Air inlet temperature, Teai [°C] 36.43
Air average outlettemperature (average value at 19.96
Air flow rate, ma [kg/s] 0.2248
Refrigerant inlet temperature, Teri [°C] 15.65
Refrigerant inlet quality, x 0.186
Terol 20.75
Refrigerant outlet temperature, Tero2 18.54
Tero[°C] Tero3 19.34
Tero4 21.07
Refrigerant saturated temperature at outlet 15.49
Refrigerant outlet pressure, Pero [kPa] 5148
7 Tsupl 5.26
Superheat, ? Tsup [°C], ? Tsup2 3.05
(Tero-Terosat) ? Tsup3 3.85
7 Tsup4 5.58
Refrigerant mass flow rate, mr [g/s] 26.89
Cooling capacity, Q [kW] 3.97

3.4.2 Model results assuming ideal refrigerant distribution
Assuming that the airflow and refrigerant flow is evenly distributed, and the refrigerant inlet pressure and

quality for each inlet is the same with the measured value, the model result is shown in Table 3.7.
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Table 3.7 Model results assuming ideal distribution condition

Iltem Model result
Air average outlet temperature, Teao [°C] 18.37
Refrigerant outlet temperature, Tero [°C] 20.97
Superheat, ? Tsup [°C] 5.32
Cooling capacity for each sub-HX, Q [kW] 1.022

It can be seen from Table 3.7 that the model over predicts the measured capacity about 3%, which might be
caused by the refrigerant maldistribution. Figure 3.7 shows the refrigerant temperature and air outlet temperature

distribution under thistest condition assuming ideal refrigerant distribution.
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Figure 3.7 Refrigerant and air outlet temperature distribution assuming ideal distribution

3.4.3 Madistribution analysis
Using the experimental datafrom Table 3.6, the maldistribution problem is analyzed as follows.

There are four circuitsin the system. Asit istoo complicated to model these four circuits simultaneously,
they are divided into two groups. Each group consists of 2 circuits. It is assumed that the distribution between group
1 and group 2 is perfect, that is, maldistribution conditions existing in group 1 is the same as those in group 2. By
this simplification, only the flow through two circuits needs to be calculated, and the results of group 1 can be
applied to group 2.

The constraint equations for the two circuits are shown as follows. Recall that the mass flow rate in group 1

is half of the total flow rate by the assumption above.

mr, + mr, = m% (Mass conservation) (3.1)
mr,” X, +mr,” X, =mr’ X (Vapor conservation) (3.2)
Dper, = Dper, (Same pressure drop) (3.3)

Where M and X are measured refrigerant flow rate and the inlet quality at the measured refrigerant inlet
state.
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Toillustrate the maldistribution effect on the refrigerant exit temperature, the refrigerant flow rate in circuit
lisarbitrarily assumed to be 47% of thetotal flow ratein group 1, that is, 0.00632kg/s. As aresult, the mass flow
ratein circuit 2 is 0.00713kg/s.

The model result for this refrigerant maldistribution condition is as shown in Table 3.8.

Table 3.8 Model result of maldistribution for circuit 1 and circuit 2

Iltem Model Model

Refrigerant inlet quality, x 0.2478 0.1312

Air average outlet temperature, Teao [°C] 20.02 17.29

Refrigerant outlet temperature, Tero [°C] 23.04 18.12

Superheat, ? Tsup [°C] 7.39 2.47

Cooling capacity for each circuit, Q [kW] 0.9227 1.076
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Figure 3.8 Refrigerant and air outlet temperature distribution in circuit 1
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Figure 3.9 Refrigerant and air outlet temperature distribution in circuit 2
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Figure 3.8 and 3.9 show that we can tell if the flow is evenly distributed or not by measuring the
superheated temperature. The refrigerant exit temperature with higher refrigerant flow rate is lower than that with
lower refrigerant flow rate. The calculated refrigerant exit temperature is 23.04 and 18.12 °C respectively in circuit 1
and circuit 2, and the largest lies beyond the range of measured exit temperatures. (Recall that the measured
refrigerant exit temperature for each outlet is 20.75, 18.54, 19.34 and 21.07 °C respectively.) These results suggest
that the actual refrigerant mass flow distribution between circuit 1 and circuit 2 could be alittle better than the
47%/53% assumed here.

The next step isto find out what is the actual refrigerant mass flow distribution based on the experimental
data. Given different refrigerant flow rate in circuit 1, the maldistribution effects are shown from Figure 3.10 to
3.14.
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Figure 3.10 Maldistribution effect on refrigerant exit temperature

Figure 3.10 indicates that the severe maldistribution problem can be detected by measuring the range of
refrigerant exit temperatures of the four circuits: they are 20.75, 18.54, 19.34 and 21.07 °C. Based on the analysis of
these experimental results, we can say that thereis no severe maldistribution problem. More quantitatively, when the
flow ratein thefirst circuit accounts for 48% of the total flow rate, the refrigerant exit temperatures for circuit 1 and
circuit 2 are about 22 °C and 18 °C respectively which agrees with the experimental data. So the flow rate difference
between circuit 1 and circuit 2 is about 5% in our case.

Figure 3.11 shows that the total capacity decreases when maldistribution exists. It drops from 2.044kW to
1.707kW when the refrigerant flow rate for circuit 1 only accounts for 40% of the total refrigerant flow rate. When
the refrigerant flow rate for circuit 1 accounts for 48%, which we believe is the actual condition, the loss of capacity
is about 3% compared with ideal distribution.
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Figure 3.11 Maldistribution effect on capacity

Figure 3.12 shows the maldistribution effect on air outlet temperature. And figure 3.13 shows how the inlet
quality increases when the refrigerant flow rate for this circuit decreases. It is somewhat surprising that such alarge
inlet quality difference between the two circuits still allows 40% of the total refrigerant flow to go through the first

circuit.
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Figure 3.12 Maldistribution effect on air average outlet temperature



0.45

IR NN BN [N NN NN N NN NN (N B N E N N B BN N N N |

[ —o—Inlet quality for circuit 1 1

0.4 -

L —r1 Inlet quality for circuit 2

> 0.35f -

f_ﬁ F -
5

> 03fF E

o | i

E 0.251 4

= | i

] 0.2 -

) | i

2 oasl i
=

) | i

© oaf 4

0.05f .

0 PR T TN ST R R | IO T I

0.4 0.410.42 0.43 0.44 0.45 0.46 0.47 0.48 0.49 0.5 0.51

Refrigerant flow rate in circuit 1 (ratio to total)
Figure 3.13 Maldistribution effect on refrigerant inlet quality

3.5 Conclusion

M easuring superheat can detect significant maldistribution at certain conditions. Analysis of one such data
set for MAC2 indoor heat exchanger suggests that maldistribution may have reduced capacity approximately 3% for
this operating condition with 0.19 inlet quality. The corresponding refrigerant mass flow maldistribution for the

heat exchanger at this operating condition is about 5%.
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Chapter 4 Analysis of the Inclination Angle Experiment
4.1 Introduction

The effect of inlet humidity conditions and inclination angle on the air side thermal hydraulic performance
of abrazed aluminum heat exchanger has been investigated experimentally. There are some publications on the
effect of inclination angle and inlet humidity conditions on the heat transfer and pressure drop of the heat
exchangers. However, most of the published data have considered bare-tube banks, high-fin tube banks and
conventional finned tube heat exchangers (Groehn, 1983, Monheritet al., 1986, Mooreet al., 1979, Aarde et al.
1993, Chang et al. 1994, Kedzierski, 1997, Mirth et al., 1993, Mirthet al., 1994, Wang et al. 1997, Wang et al .,
2000). Mirth et al (1993, 1994) showed that inlet humidity conditions affected the heat exchanger performance. On
the other hand, Wang et al. (1997, 2000) reported that they did not influence significantly the sensible heat transfer
coefficients, while their effect on the pressure drops depended on the heat exchanger configurations, especially the
longitudinal tube pitch. When the longitudinal tube pitch was 22 mm, the effect of inlet conditions was negligible,
while for the longitudinal pitch of 19.05 mm the friction factors for RH; =90% were 5-25% larger than those for
RH1=50%.

A microchannel tube heat exchanger is one of the potential alternatives for replacing the conventional
finned tube heat exchangersand has been considered as both evaporator and gas cooler for prototype CO, air-
conditioning systems (Kim et al., 2000). M any investigators have studied the air side heat transfer and pressure drop
characteristics of the louvered fin and flat tube heat exchangers (Sahnoun et al., 1992, Chang et al., 1996, Chang et
al., 1997, Kimet al., 2001, Chiou et al., 1994, Kim et al., 2000, McLaughlinet al., 2000, McLaughlin et al., 2000).
However, only small amount of published data on the effect of the inclination angle on the performance of the
brazed aluminum heat exchangersis available in the open literature. Recently, Osada et al. (1999) studied the effect
of inclination on the heat transfer and pressure drop characteristics of the louvered fin automotive evaporators with
larger flow depth (Fd=58 and 70 mm) and conducted condensate visualization tests. They reported that both the
leeward and windward inclinations improved heat exchanger performance. Kim et al. (2001) investigated the effect
of inclination angle (0°, £30°, £45°, and +60° clockwise) on the heat transfer and pressure drop of a brazed
aluminum heat exchanger with Fd =20 mm under dry and wet conditions. They found that the heat transfer
performance for both dry and wet conditions was not influenced significantly by theinclination angle (-60°<q <60°),
while the pressure drops increased consistently with the inclination angle.

In our residential CO2 prototype system, the indoor heat exchanger wasinclined to 67° off the vertical due
to the space limitations in the wind tunnel (Beaver et al. 1999). The effect of inclination in those experiments was
not known because the heat exchanger was too large to test at different angles. The purpose of this study is to
provide experimental data on the effect of an inclination angle and inlet humidity conditions on the air side thermal
hydraulic performance for a smaller brazed aluminumheat exchanger under dry and wet surface conditions. A series
of tests are conducted for the air side Reynolds number range of 80-400 with variation of the inclination angles (0°,

14°, 30°, 45° and 67° clockwise) from the vertical position. The pressure drop characteristics are also addressed.
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4.2 Experimental set up
4.2.1 Test heat exchanger

Table 4.1 Geometry of the test heat exchanger

ltems Sl1 Unit English Unit
Core size: LxHxD 0.394x0.382x0.028 (m) 15.5x15.018x1.1 (in)
Air-side area, 4.079 (3.33+0.749) (m?) 43.901(35.84+8.061) (ft?)
Heat Ao(Aint Aube)
exchanger Water-side area, Ai 0.749 (m?) 8.059 (ft)
Water-side hydraulic 2.158 (mm) 0.00708 (ft)
diameter, Dhwater
Air-side hydraulic 3.121 (mm) 0.01024 (ft)
diameter, Dhair
Tube pitch, Tp 9.855 (mm) 0.388 (in)
Tube spacing 7.925 (mm) 0.312 (in)
Tube depth 25.4 (mm) 1.0 (in)
(major axis), Td
Tube thickness (minor 1.93 (mm) 0.076 (in)
Tube axis)
Wall thickness 0.4064 (mm) 0.016 (in)
Number of tubes 38 38
Fin density, FPI 12 12
Fin height, H 8.28 (mm) 0.326 (in)
Flow depth, Fd 27.94 (mm) 1.1 (in)
) Fin thickness, & 0.1016 (mm) 0.004 (in)
Fin Louver pitch, LP 1.397 (mm) 0.055 (in)
Louver length, LI 6.604 (mm) 0.26 (in)
Louver angle, La (°) 27 27
Number of louvers 17 17
4.2.2 Test apparatus

Figure 4.1 shows a schematic diagram of the apparatus used in the study. It consists of a ducted airflow
system, heat transfer fluid (glycol) circulation and data acquisition system. It is situated in a constant temperature
and humidity chamber that can maintain temperature within +0.5°C and absolute humidity £2%. The air inlet
conditions of the heat exchanger are maintained by controlling the chamber temperature and humidity. The air side

pressure drop through the heat exchanger is measured using a differential pressure transducer and the airflow rateis
determined form the nozzle pressure difference.
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Figure 4.1 Schematic diagram of test apparatus

The distances between the chamber wall and the wind tunnel inlet, between the wall and one side of the
wind tunnel and between the wall and the other side of the wind tunnel are about 1 m, 0.3 m, and 0.6m respectively.
The wind tunnel entranceis 1.0 m wide and 0.6m high. The distance between floor and ceiling is about 2.5m.

4.2.3 Test methods
The heat exchanger isinstalled in the test section, surrounded by insulation to protect it from heat loss and

air leakage. The results depend on the wind tunnel due to contraction and other effects. In the following discussion,
the effect of the wind tunnel isignored.

When the inclination angles were 0°, 14°, 45° and 60°, we tested the evaporator as shown in Figure 4.2.
The arrangement is different when the angle is 67°C, shown in Figure 4.3. Because it is somewhat difficult to block
the air from the back, we blocked from the front too to avoid air |eakage.

Onetest was conducted to seeif the arrangement would affect the test result or not. It turned out that the
effect was small. The effect on the calculated air side heat transfer coefficient under dry conditions was less than 3%

between the two arrangements. And the effect on the measured pressure drop under dry conditions was | ess than 5%.
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Figure 4.2 Schematic diagram of heat exchanger installation when the inclination angles were 0°, 14°, 45° and
600

Figure 4.3 Schematic diagram of heat exchanger installation when the inclination angle was 67°

4.3 Experimental Results
The experimental results are shown in this part.

4.3.1 Effect of inclination angle on air side heat transfer
4.3.1.1 Dry surface
4.3.1.1.1 Energy balance agreement Energy balance was measured by three independent methods

(Chamber, glycol and air side, one nozzle was covered).

= Air sideenergy balance

Q. =m," h,, -m," h,, (4.)
Where,

Q, air side capacity (kW)

M, mass flow rate of dry air through evaporator (kg/s)

h, ., enthalpy of air entering evaporator (kJ/kg)

ha’0 enthalpy of air entering nozzle (kJKkg)

Air inlet temperature is measured is measured using an 11X5 thermocouple grid that coversthe entire face
of duct.

Air inlet dew point is measured through the use of a chilled mirror humidity sensor.
= Glycol-side energy balance

Qg = mg ’ (hg,o - hg,i) (4.2)



Where,

Q, glycol-side capacity (kW)
m, glycol mass flow rate (kg/s)

h,; enthalpy of inlet glycol (kJ/kg)

h, , enthalpy of outlet glycol (kJ/kg)

The specific heat of the glycol mixture was determined by Richter, 2000. The concentration of the glycol
was determined by measuring the specific gravity of the solution with a hydrometer and the specific heat values can
be obtained using Fluidfile software from Dow Chemical. A second test was conducted for verification. The test
consisted of running just the glycol l1oop, blower and heater (to maintain a chamber temperature of 70°F). At steady
state, the power entering the chamber is equal to the power leaving the chamber. The difference between the heat
input (electrical power £ 0.5%) to and removal from the system (via glycol) was less than 5%. This was within the
7% range of experimental uncertainty. The values for the precision of the measurement were taken to be + 1°C for
the thermocouple and 0.5 kg/n for the density (manufacturers spec). The theoretical uncertainty in the specific heat
is about +0.3%.
= Chamber -side Energy Balance

Qc = Wd + Qcond

Qcond = kf Af (To,f - Ti,f ) + kcAc(To,c - Tlc) + kwAN(To,w - Ti,w)

Where,

(4.3)

(4.4)

Q. chamber-side capacity (kW)
W, electrical power into chamber (kW)

QCond heat conduction from environment into chamber (kW)

The chamber was calibrated by placing a heat source within a closed chamber. At steady state, the power

entering the chamber in the form of electricity isequal to the amount of heat |eaking out of the chamber in the form
of conduction through the chamber walls. At least three data points are needed to back out K, , K, and Kk, for the
floor, ceiling and walls, respectively.
= Temperaturecalibration

The temperature difference between two thermocouples at glycol inlet and exit was very small. At
equilibrium condition before each series of tests, the difference was about 0.01°C. The temperature difference
between two thermocouples at air inlet and exit was about 0.1°C (inlet is higher than exit). These tare values were
used to correct all temperature readings.

When aprobe isimmersed in aflowing fluid, the flow comesto rest in the immediate vicinity of the probe.

In this deceleration, kinetic energy is converted into internal energy, which can significantly increase the fluid



temperature. Although this change in temperature is generally small in liquid flows, it can be significant in gas
flows. Thetotal and static temperatures of agaswith velocity V and (constant) specific heat Cp are related by the
equation
V2
2Cp

Asaflow isbrought to rest at areal probe, the temperature generally is not equal to the total temperature

T, =T, + (45)

other than in an idealized case or in specially designed probes. Often, as aresult of dissipative processes

(conduction, viscosity), the temperature is some value less than Tt . The temperature at an adiabatic surfaceis called

the recovery temperature T, , which is

T, =T, +IT, (46)

Wherer is the recovery factor, and T isthe dynamic temperature T, - T, . With alaminar boundary layer

flowing along aflat surface parallel to the flow, the recovery factor is equal to the square root of the Prandtl number.

In general, the recovery factor around atemperature probe is not uniform and often must be measured if accurate

results are required. In our case, the recovery factor is assumed «/ﬁ (Warren et al ., 1998).

Becausetheair inlet velocity isfar less than air velocity in the nozzle, the kinetic energy effect on air inlet
temperature is negligible. However it is significant for the air exit temperature measurement when the air velocity is
high. For example, the measured air exit temperature is reduced about 0.5°C after it is corrected when the air
Reynolds number is about 400. All temperature data presented in this section were first corrected for tare values and
kinetic energy.

= Energy balance result
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Figure 4.4 Chamber capacity versus glycol capacity under dry condition
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From Figure 4.4 we can see that energy balances from chamber and glycol side are close, the difference
between the two methods is within 5% when the confidence level is 95%.
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Figure 4.5 Chamber capacity versus air side capacity under dry condition

Figure 4.5 shows that the difference between the energy balances from chamber and air is within 7% when
the confidence level is 95%.
= Uncertainty analysis

In the following discussion, the “Uncertainty Propagation” command in EES is used to calculate how the
uncertainties in each of the measured variablespropagate into the value of the calculated quantity. The method for
determining this uncertainty propagation is described by Taylor, 1994. Assuming the individual measurements (X1,

X5...) areuncorrelated and random, the uncertainty in the calculated quantity (Y) can be determined as

_\/éaeﬂYéz )

- ST 9u. 4.7
T éxe at

Where U represents the uncertainty of the variable at the 95% confidence level.

Choose one data point to compare the uncertainties of the three methods.

The heat conduction from environment to chamb er is much smaller than the electric power into chamber.
The heat conduction counts for less than 10% of the chamber capacity. Due to the accuracy with which the electric
inputs to the chamber are measured as well as the ability to accurately measure transmission losses, we believe that
chamber calorimetry isthe most accurate method to determine capacity. All dry energy inputs are measured with
watt transducers within +2%, and five thermocouples on both sides of each wall, floor, and ceiling of the chamber
provide temperature differences across the chamber walls within£0.5°C. The uncertainties for the heat conduction,
electric input and chamber capacity are 0.170+0.0044 kW, 2.496+0.0493 kW and 2.604+0.0501 kW respectively.

The uncertainty for the glycol capacity isrelatively big due to small temperature difference. The glycol

flow rate is measured within +£0.2%, and the uncertainties for the two thermocoupl es measuring the glycol inlet and



outlet temperature and for the specific heat of the glycol is+0.5°C, +0.3% respectively. The calculation for the
glycol capacity is 2.559 +1.069kW

The uncertainty for the pressure transducer measuring the air pressure drop across the nozzle is+0.5% and
the uncertainty for the two thermocouples measuring the air inlet and outlet temperature is+0.5°C. The calculation
for the air side capacity is 2.585£0.1063kW.

So the chamber capacity is used in the following calcul ation.

4.3.1.1.2 Test conditions

Dry-bulb temperature of theinlet air:  12+0.5°C

Inlet air velocity: 0.3~4m/s
Inlet glycol temperature: 0~25°C
Glycaol velocity inside the tube; 0.4~0.45m/s

4.3.1.1.3 Datareduction

Assume that glycol-side fouling resistance and the wall resistance are negligible. Because the chamber side
energy balanceis the most accurate one as discussed above, the chamber capacity was used to back out the airflow
rate from the air side energy equation.

To see whether or not the refrigerant flow is uniform, the pressure drop along the header and the tubeis
calculated. Assume that the flow rate is evenly distributed in each tube and the flow rate is assumed half of the total
flow rate while calculating the pressure drop along the header.

For laminar flow (ASHRAE Handbook, 1997):

f Sl (4.8)
Re '

(H.), = f(%)g"%gﬁ (49)

The calculated result shows that the pressure drop along the tube is much higher than that along the header
(about 10 times). So it seems that the refrigerant flow islikely to be uniform across the coil.

For the heat transfer coefficients on the glycol side, the Reynolds number based on the hydraulic diameter
for glycol isabout 110, so it is laminar flow.

The thermal entry length is approximately:

x, =0.05" Re" Pr" D,

=0.05" 110" 75" 0.002138 =0.88m (4.10)
The hydraulic entry lengthiis:

x, =0.05" Re" D,

=0.05" 110" 0.002138=0.12 m (4.11)
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The channel length is about 0.4m; hence flow in the channel isthermally developing, and for most of its
length, hydrodynamically developed.

In our case, the duct aspect ratio isabout 22, it can be approximated a 2-D duct formed by two wide
parallel walls. The mean Nusselt number for parallel plate ducts with equal and uniform temperature on both walls

can be comp uted by the following set of empirical equations proposed by Shah and London, 1984:

U = 1 1.233x* V3 +0.4 for x* <0.001 @12
ST 17541+ 6.874(10%x) % g 2 for x*<0.001 '
1 1.849x**"° for x* £0.0005
Nup; =1 1.849x* % +0.6 for 0.0005 < x* £ 0.006 (4.13)
% 7.541+0.0235/ x* for x*>0.006
Where
* X
X =—— (4.14)
D, Re Pr
where X isthe tube length.
The surface effectiveness and the fin efficiency are
= tanh(m: (F1/ 2)) @15
mxFl/ 2)
Where Fl isthelength of fin.
+h. A.
— A(ube fin fin (4.16)

suf
Aube + Afi n

m= ’Z—)ha (4.17)
kfin >4:th

The heat transfer coefficient can be expressed as | factor

=S

= 4.18
[ Vo (419

= 1-D finite element, LM TD method

In all the experiments the temperature difference between glycol inlet and outlet isless than 2°C, and the

temperature difference between air inlet and glycol inlet is about 10°C. To simplify the calculation we may assume
that the glycol temperature is uniform (at its average value) across the coil and it will not cause big error. However,
to quantify thiserror, the evaporator is divided into 20 elements along the glycol flow direction as shownin Figure
4.6. The glycol properties for each element are calculated based on the glycol temperature at the element inlet.
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Figure 4.6 Elements along the glycol flow direction

Glycaol flow rate, airflow rate, air inlet temperature and heat transfer area are given for each element, and
the glycol inlet temperature for the first element is given.

In the calculation of each element, the following equations were used.
g=UA" LMTD" F (4.19)

Because of the small difference between the glycol inlet and outlet temperature, the value of Fisnearly 1.

(t - Tg0)- (Lo - 1g))

Where LMTD = n " (4.20)
|I’( a,i g O)
ta,o - tg i
1 1 1
Oa + (4.21)
UA hh A thJ
q-= macp,a(ta,i - ta,o) (4.22)
4=myCpy (tg,o ) tg,i) (4.23)

The air side heat transfer coefficient can be obtained by settingthe sum of ('sto equal the measured

chamber side capaciy.
Figure 4.7 shows the air side heat transfer coefficients vary with the inclination angle and the Reynolds

number based on louver pitch.
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Figure 4.7 Angle effect on h, under dry condition using 1-D finite element, LMTD method

From Figure 4.7, it seemsthat the heat transfer coefficients for the dry conditions were not affected
significantly by the inclination angles at low Reynolds number. The effect increases as Reynolds number increases.
The heat transfer coefficients deteriorated at 67° when the Reynolds number was higher.

The Chang & Wang correlation (Chang et al., 1997) is ageneralized heat transfer correlation for this
louvered fin geometry. The heat exchanger’ s geometric parameters and operating conditions were within range that
Chang & Wang correlation applies. Figure 4.7 showsthat Chang & Wang correlation underestimated air side heat
transfer coefficient when Reynolds number is higher than 100. When Reynolds number is about 400, it

underestimated h,;, by 50%.

If we assume that the glycol temperature is uniform across the coil at the average temperature

t,; +t

_ gi ‘go

boae == (4.24)

The glycol properties are calculated based on the glycol average temperature, tg,ave . And LMTD method is
used on the whol e heat exchanger to back out air side heat transfer coefficients

Qurampe =UA” LMTD" F (4.25)

(t - toae) - (oo - Ty o)
Where LMTD = 2929 20 998 (4.26)
|r( ta,i - tg,avg )
t.':1,0 - tg,avg
1 1 1

_= + (4.27)
UA hgh, A, h A

&



Comparing the calculated results, we can conclude that the error introduced by the uniform glycol
temperature assumption is less than 5%.
= 1-D finite element, NTU method

The effectiveness-NTU method for an unmixed-unmixed cross-flow heat exchanger can also be used in

each element to calcul ate the heat transfer coefficient.

e=—9_ (4.28)
O max

O = Coin (tas = ) (4.29)
el 022 078 u

e=1- expgfi(NTU {exp[ (NTU) ] 1}a (4.30)
o Cr 4 0

NTU = 2A (4.31)

Cmin
1.1 1 (4.32)

UA hsuf aAa h Ag
Theoretically the ecalculation is exact only for G=1. However, it may be used to an excellent

approximation for all 0< C, £ 1, and that is our case.
The difference between the two methods (1-D finite element LMTD and NTU methods) is less than 1%.
= Uncertainty calculation

Assume that the uncertainties for the measured parameters are:

m, £0.2%, t,;+05C, t,, +05C, t,; +05C, t, +0.5C, Dp,,+05%

Then the uncertainty of calculated h, dueto instrument errors is about +10%.

To see the effect of the uncertainty in the Nu correlation on the tubeside, assume that the uncertainty in

this correlation is+20%. Then the uncertainty of calculated hg, increases to £15%.

4.3.1.2 Wet surface
4.3.1.2.1 Energy balance agreement

= Air sideenergy balance

= (ma dry hai - ma,dry, hao) - rT.]W, hw (4.33
Where,

m mass flow rate of dry air through evaporator (kg/s)

a,dry
m,, mass flow rate of water leaving chamber (kg/s)

hW enthalpy of water leaving evaporator (kJkg)



The condensateis collected in the bottom of the duct and drained out of the chamber. After leaving the
chamber, the water is collected in a bucket that hangs from aload cell. In this manner, the weight of the condensate
is continually monitored and a value for the mass flow rate of condensate is calculated by fitting a least squared
error lineto the graph of condensate weight versustime.

Therelative humidity at the exit is not measured in the experiment. It is cal culated based on the measured
condensate rate instead.

The enthalpy of water leaving chamber is evaluated at the glycol inlet temperature. More accurately,
evaporator surface temperature should be used. But the difference isnegligible.

= Glycol-side energy balance

Qg = mg ’ (hg,o - hg,i) (4.34)
= Chamber -side energy balance

Qc = Wel +m, ’ (hs - hw) + Qcond (4.35)

Where,

m,, mass flow rate of water leaving chamber (kg/s)
hs enthalpy of steam entering evaporator (kJ/kg)

hW enthalpy of water leaving chamber (kJ/kg)

= Energy balance result
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Figure 4.8 Chamber capacity vs. glycol side capacity under wet condition
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Figure 4.9 Chamber capacity vs. air side capacity under wet condition

From Figure 4.8 and 4.9 it can be seen that chamber side capacity is always lower than glycol and air side
capacity. We believe that thisis because we lost some condensate in the chamber. We redid some insulation, rotated
the steam inlet pipe so that the sparge openings were pointed down, and added a trap inside the steam pipe to collect
the water that condensed inside the steam pipe before reaching the air duct. After correcting for this condensate
inside the chamber after the experiments were compl eted, the difference between energy balances dropped from 8%
to about 5%. This correction has no effect on the latent heat measurement because the condensate removal rate
across the coil remained the same. Condensate spillage outside the test section affected the overall chamber energy
balance, but not the latent capacity measurements inside the test section.

Because of the relatively bigger uncertainty of the glycol-side energy balance due to the small glycol
temperature changes, and the uncertainty of the lost condensate in the chamber capacity measurement discussed
above, the air side energy balanceis believed to be the most accurate one. Because it is somewhat difficult to
estimate the error of the measured condensate rate, we assume that the error is 5% to have arough idea of the
uncertainty of air side capacity. The uncertainties for the other measured parameters are the same as those in the dry
surface part. The resulting uncertainty of air side capacity is about £8%.

4.3.1.2.2 Test conditions

Dry-bulb temperatures of theinlet air: 12+0.5°C
Inlet relative humidity for theincoming air:  70% and 80%
Inlet air velocity: 0.3~4m/s
Inlet glycol temperature: 0~2.5°C
Glycaol velocity inside the tube: 0.4~0.45m/s

4.3.1.2.3 Datareduction

Assume that glycol-side fouling resistance and the wall resistance are negligible and water film thicknessis

zero.
= 1-D finite element, LMhD method



The evaporator isdivided into 10 elements along the glycol flow direction as shown in Figure 4.6. The
glycol propertiesfor each element are cal culated based on the glycol temperature at the element inlet.

Glycol flow rate, airflow rate, air inlet temperature and heat transfer area are given for each element. And
glycol inlet temperature for the first element is given.

In the calculation of each element, the following equations were used.

q=U,,ALMhD (4.36)
h.-h _.)-lh. -h
Where LMhD =( o~ Mg ) (o - s00) (4.37)
a’1ai - hs i 0
Iné—’ 9~
ha,o - hs,g,o Q
q=m,(h,; - h,) (4.38)
a=myCpy4 (tg,o ) tg,i) (4.39)

The air side heat transfer coefficient can be obtained by setting the sum of (’sto equal the measured air
side capaciy.

The uncertainty of the calculated sensible heat transfer coefficients due to measurement errorsis about
+20%.
= 1-Dfinite element, NTU method

The evaporator is divided into 10 elements along the glycol flow direction as shown in Figure 4.6. And

NTU method is used to calculate air side heat transfer coefficient.

In the calculation of each element, the following equations were used.

U
NTU = Youh (4.40)
ma
e = Ma(ha; - N ) (4.41)
g = €q, (4.42)
e=1- exp(- NTU) (4.43)

The air side heat transfer coefficient can be obtained by setting the sum of (’sto equal the measured air
side capaciy.

The uncertainty of the calculated sensible heat transfer coefficients due to measurement errorsis about
+20%.

The derivation and assumptions of LMhD and NTU methods are discussed in Chapter 2. The difference of
the calculation result between LMhD and NTU method is less than 0.5% for all the data points.
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Figure 4.10 Angle effect on air side heat transfer coefficient under wet surface condition using 1-D finite

element, NTU method

Figure 4.10 shows that the sensible heat transfer coefficients were close at 14° and 45°, deteriorated at 0°

due to drainage problem to be discussed | ater.

= 1-D finite element, separation of sensible and latent heat method

The LMhD and NTU methods discussed above do not separate the sensible and latent heat. The method

discussed in this part calculates sensible and latent heat separately. And it needs to calculate the surface temperature

explicitly.

It was shown before that the assumption of uniform glycol temperature would not cause big error. To

simplify the calculation, the glycol temperature is assumed uniform across the coil at the average glycol

temperature. To take the effect of surface temperature variation along the evaporator depth into consideration, the

evaporator is divided into 20 elements along the evaporator depth as shown in Figure 4.11.

T

Evaporator depth

Figure 4.11 Element number along the depth of the heat exchanger
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In the calculation of each element, the following equations were used.

Heat transfer between glycol and surface

q= thg (tp - tg,aVQ) (4.44)

Sensible heat transfer between surface and air

C+t 6
=hh ‘ —-t = 4.45
ds aoAagT pa ( )

Latent heat transfer between surface and air

q, = hDAahO?W- wp%ufg (4.46)
Ay =M,C, .t - tao) (447)
g, =DG,(h, - h,) (4.48)
DG, =m, (Wa’i - Wayo) (4.49)

Theair side heat transfer coefficient can be obtained by settingthe sum of ’sto equal the measured air
side capaciy.

The uncertainty of the calculated sensible heat transfer coefficients due to measurement errorsis about
+20%.

Figure 4.12 shows the calcul ation results and we can see that the difference of calculated air side heat
transfer coefficients between this method and NTU method discussed above is less than 5% for all the data points,
apparently due to computational assumptions (uniform glycol temperature) and analytical assumptions required to
derive the log mean enthal py relationship (linear relationship between the saturated temperature and enthal py,

ignored small term, evaluation of D).
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Figure 4.12 Angle effect on air side heat transfer coefficient under wet surface condition using separation of

sensible and latent heat method

Recall that we only use the total heat transfer rate to back out air side heat transfer coefficientsfor all three

methods discussed above, and the results are close. However, we also measured the sensible and |atent heat transfer

during experiments. In separation of sensible and latent heat method, sensible heat and latent heat are calculated at

the same time as backing out air side heat transfer coefficients. Now, the question is whether or not we can predict

the sensible and | atent heat well.

Given the uncertainties of the sensible heat transfer coefficients and the measured parameters, the

uncertainty of the calculated sensible heat is about £12% and the uncertainty of the calculated latent heat is about

+20% at the 95% confidence level.
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Figure 4.13 Calculated vs. measured sensible heat
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Figure 4.14 Calculated vs. measured sensible heat

Figure 4.13 and 4.14 show that we always over predict the sensible heat and under predict the latent heat.
However, about 90% of the cal culation results are within the experimental error.

By comparing the calculated air side heat transfer coefficients under dry and wet surface conditions, we can
seethat the calculated air side heat transfer coefficients under wet surface conditions are much lower than those

under dry surface conditions when the Reynolds number is higher than 200.
4.3.1.2.4 Discussion

= Evaporation effect on condensate measur ement

The evaporation occurring from the floor of the wind tunnel may adversely affect the condensate
measurement. A rough calculation was doneto seeif it isasignificant factor. Assume that the floor is awet flat
plate (Frank et al., 1996).

Na = EA%(" as ™ 1Ay ) (4.50)

The calculated air exit relative humidity is about 95% based on the condensate rate measurement, so it can
be expected that the evaporation amount is very small.

Assume that the air velocity is 0.5m/s, the floor areais 0.5nT, the characteristic length is 1m, the air exit

temperature is 10°C, and the floor temperature is the same asthe air exit temperature.

Re =%b= 031 g3 ¢ (4.51)
n 15" 10
S, =0.664Re, /2 s = 0.664” (03" 10°)2" 0.6% =97 (452)

h o= O—g7- 26" 10°/ 25" 103
h, = S‘IL?A%B— 97 A =25"10 % (4.53)

Np= EAS[V A,s(Ts)' f¥ r A,S(T¥ )]



=2510°%" 05" 0.0077" (1- 0.95)=4.8"107g/s (4.54)

And it is negligible compared with the measured condensate rate, which is roughly 0.5g/s.
= Water drainage effect

Under wet-coil conditions, data were not repeatable when the coil was vertical. We recently concluded,
tentatively at least, that a modest angle of attack promotes drainage. Probably that is why the auto industry routinely
tiltsits evaporators about 10 degrees off the vertical. Apparently it is also beneficial for the thin (16mm) coils used
in our residential prototype. We also believe that the louvers in microchannel heat exchangers can become bridged
with condensate under some conditions (e.g. at low face velocitiesin vertical orientation), so it appears as aflat fin
and has degraded performance. Surprisingly, they remain bridged as airflow rate isincreased. However, if the
airflow isinitially large and the coil then begins to condense moisture, the drainage appears to be unimpaired.

To seethe water drainage effect on air side pressure drop and heat transfer coefficient, we ran some tests at
0° angle attack, 80% humidity, and 900cfm (Rey; is about 350). The results were not repeatable, but a systematic
relationship was observed.

RSV B B B B L L L L
140 0%8
120 -
100 .

80 .

60 -

hair (W/m2K)

40 E

20 -

o) AN Y T I N T AN U T [N S N B
32 33 34 35 36 37 38 39 40 41 42 43 44

Air side pressure drop (Pa)

Figure 4.15 Water draining effect

Figure 4.15 shows that the air side heat transfer coefficientsincrease with the air side pressure drop,
perhaps due to condensate bridging between fins. Upon close inspection of the experimental procedures, it was
found that the high air pressure drop and air-side heat transfer coefficient occurred when the evaporator was initially
dry and the 900 cfm test was run before any lower air flow tests. It indicates that the condensate bridging between
finswill not happen if thereis no bridging initially and the air flow rate is high enough. The low air pressure drop
and airside heat transfer coefficient happened when the 900 cfm experiment was ran after some lower air flow rate
experiments under wet surface conditions. It suggests that there is bridging between fins when the air flow rateis

low. And surprisingly, the bridging still persists asthe air flow rate isincreased gradually to 900 cfm.
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4.3.2 Effect of inclination angle on air side pressure drop
The pressure drops for dry conditions were measured with isothermal conditions (Only the blower was run

without feeding refrigerant), and compared to experiments at wet conditions the pressure drops were measured for
inlet humilities between 60-90%.

Figure 4.16 shows how air side pressure drop varied with face velocity and inclination angle. As expected,
pressure drops for both dry and wet conditions increase systematically with face velocity and inclination angle. The
pressure drops for wet conditions are 3-14 % larger than those for dry conditions at the same face velocity. Forq =
67° asignificant pressure drop increase was occurred. Thisresult issimilar to that by Kim et al. (2000), who
reported pressure drops increased significantly whenq is 60°. Furthermore, in case of q = 67°, thereis an upstream

duct which will causes the additional upstream losses associated with oblique air entrance to the heat exchanger
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Figure 4.16 Angle effect on air side pressure drop

The pressure drop can be expressed using f factors

r..2r,DP
f :i—m - (K, +1-s?%)- Zg— 1—+(1 s?- K )—] (4.55)
where K and K¢ are coefficients for pressure loss at the inlet and outlet of the heat exchanger (Kayset al., 1984).
Figure 4.17 shows the relationship between the louvers and the airflow direction. In the worst case of 67°
angle of attack, the flow must turn 67° to enter the channels between the fins, and then turn an additional 27° to
become louver-directed. The shortfall inj factor at the highest inclination angle suggests that the ideal of louver-

directed flow is not achieved. Surprisingly, the data at |lower inclination angle (q < 45°) show little degradation in
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heat transfer, suggesting that the flow remains generally louver-directed. The pressure drop penalty is apparent from

Figure 4.16, and increases monotonically with turning angle.
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Figure 4.17 Relationship between the louvers and the airflow direction

Figure 4.18 shows the effect of air inlet humidity on the pressure drops. The inlet humidity does not
influence significantly pressure drops, similar to that for the conventional finned round tube heat exchangers with
fully wet surface (Wanget al., 1997). On the other hand, the previous test data with the micro-channel heat
exchanger with smaller fin and louver pitch ratio (F, / Ly = 1.4/1.7) and larger flow depth (Fyq = 41.8 mm) showed
that the air inlet humidity affected systematically the air side pressure drops (Boewe et al., 1999). This difference
probably is due to the difference of heat exchanger geometry. The heat exchanger tested in this study has larger fin
and louver pitch ratio (Fp / L, = 2.1/1.4) and smaller flow depth (Fy4 = 27.9 mm), and so the effect of condensate
amount on the surface may be smaller compared to the heat exchanger with smaller fin pitch and lager flow depth,
suggesting the inlet humidity effect on the pressure drops depends on heat exchanger configuration, especially fin
pitch.
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Chapter 5 Frost Deposition and Refrigerant Distribution in Microchannel Heat
Exchangers

5.1 Introduction

As part of comprehensive experimental program in transcritical R744 system and component research,
Beaver et al. (1999a) and Richter et al. (2000) showed that the performance of the R744 residential heat pump
system was better in most cases than a baseline R410A system. This paper deals with a problem that wasidentified a
posteriori in an outdoor coil that had some flow distribution problems that significantly degraded its performance.
The experimental data showed that outdoor coil (evaporator) performance plays an important role in determining the
cycle COP for one of thefirst heat pump prototypesto use flat multiport (microchannel) tubes. Therefore acloser
investigation of refrigerant maldistribution patterns was warranted. Microchannel condensers have dominated the
automotive a/c market by maximizing performance for afixed size and weight, but must operate as evaporators if
they areto be used in heat pumps. That application introduces two major difficulties: refrigerant distribution and
frosting/defrosting operation.

Distribution problemsin feeding microchannel evaporators can be caused by the non-homogeneity of the
entering two-phase refrigerant. Such maldistribution reduces effectiveness of the evaporator, produces an uneven
exit air temperature profile, and sometimes uneven frosting of the evaporator surface. Generally these problems can
be broken down into two categories that do not necessarily show up independently. The first typeis maldistribution
along the length of the header or among the microchannel tubes. Another distribution problem occurs among the
different ports within a single microchannel tube, which is more difficult to characterize, as the effects will be
masked by the high thermal conductivity of the aluminum heat exchanger.

Better understanding of two-phase flow characteristicsin the header region is an important issue for full
heat exchanger performance. A number of investigations have been performed on two-phase flow distribution. Choi
et al., (1993) and Kim et al., (1995) studied the effect of header shape on flow distribution. Rong et al., (1995)
discussed the effects of header orientation. Watanabe et al., (1995) and Kariyasaki et al., (1995) investigated two-
phase flow in a multi-pass tube setup experimentally to elucidate the effect on the flow distribution of mass flux,
quality at the header inlet and number of passes. However, most of previous works are focused on fully developed
two-phase flow. Flow characteristicsin the actual headers still remain largely unknown and few flow distribution
studies have been reported yet for microchannel heat exchangers with vertical headers. The experimental results
reported here describe flow distribution in microchannel heat exchangers with vertical headers.

Water (vapor) is aconvenient and inexpensive tracer gas for identifying distribution problems by observing
frost deposition patterns. Theideaisthat if there exists severe maldistribution problem in the header, tubes with
either a higher entering quality or alower mass flow rate may contain refrigerant that enters the superheat region
earlier. Therapid rise in refrigerant temperature would then lead to an increase in surface temperature, and little or
no frost would accumulate on regions with superheated vapor. This type of refrigerant maldistribution can be
detected indirectly, by observing the unevenness of frosting. It is difficult to measure variationsin frost thickness,
but relatively simple to identify photographically those areas where the surface temperature approaches and then

exceeds the dew point of the entering air (e.g. where superheated vapor exists). Although the magnitude of the



refrigerant maldistribution is masked by the high thermal conductivity of the aluminum heat exchanger, it is agood
qualitative indicator of the extent of maldistribution, which can help us to understand the flow distribution in the
header.

5.2 Experimental facilities
Separate environmental chambers containing wind tunnels have been constructed for each heat exchanger.

Thetest facilities are described in detail by Beaver et al. (1999a). A schematic of thetest facility isgivenin Figure
51

Thefacility consists of two environmental chambers that can maintain outdoor and indoor temperature
within £0.5°C and absolute humidity +2%. A variable speed wind tunnel in each chamber simulates the range of
operating conditions encountered in real applications, and allows measurement of air-flow rates within +1%.
Coriolis type mass flow meters together with immersion thermocouples and electronic pressure transducers both
upstream and downstream of every component yield refrigerant-side capacity determinations repeatable within £1%.
Room calorimetry is the most accurate: the walls are made of 30 cm thick polyurethane with five thermocouples on
both sides of wall, floor, and ceiling of each environmental chamber. Heat losses are carefully calibrated so that
error iswithin £0.1% of the total system capacity (10 kW). All dry energy inputs (electric) are measured within
+0.2%. Thetest results show agreement between the independently determined capacities to be within +3%, with

the error due primarily to uncertaintiesin air side calorimetry.
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Figure 5.1 Test facilities for R744 prototype residential split system

The R744 system uses a prototype semi -hermetic reciprocating compressor manufactured by Dorin. The
compressor motor is rated at 3 kW at 380V/50 Hz, and the displacement of the compressor israted at 2.7 nt/h at
1450 rpm. The R744 compressor is controlled by a variable frequency drive so that the capacity can be adjusted.
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5.3 Heat exchanger
The heat exchangersin the R744 system were designed to match the geometry of the baseline R410A a/c-

only system as closely as practical. Asaresult, they were not designed to fully capitalize on the properties of R744,
nor were they designed for reversible (heating mode) operation. Figure 5.2 shows picture of the R744 outdoor unit.

Top View

Slab C slab A

slab B

Figure 5.2 Outdoor unit of the prototype R744 heat pump system

Threeidentical flat microchannel heat exchangers (slabs) are connectedin parallel and placed together to
form three sides of abox, mimicking U shaped outdoor heat exchangers found in conventional units. The fourth side
isclosed with plywood. An axial type direct drive fan was mounted on the top of this set of heat exchangersto suck
the air through the exchangers. Asin the case of conventional finned-tube heat exchangers, the closer to the fan, the
higher air face velocity.

Figure 5.3 shows one heat exchanger used in the experiment. Each heat exchanger slab has 80
microchannel tubes divided among six passes, with 16/15/14/14/11/10 tubes per pass. Refrigerant enters the outdoor
coil through an inlet elbow, proceeds through six passes and exits through another elbow.

Dueto higher operating pressures, the heat exchangers for R744 require either smaller tube diameters or
thicker walls. The microchannel heat exchangers have specially designed headers to withstand the higher operating
pressures. Figure 5.3 shows the cross-section of heat exchanger header, which has 6 mm tubes closed except for
small cutouts at each tube junction. The cross-section of the microchannel tubes used in the heat exchanger and the

louvered fin configuration are also shown in Figure 5.3, all dimensionsshown on the figure are in mm.
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Figure 5.3 Schematic of outdoor heat exchanger

Three manual expansion valves, one for each slab on the outdoor heat exchanger, control refrigerant
distribution so exit qualities are equal. The low side accumulator ensures that saturated vapor exits the evaporator at
steady state. A suction line heat exchanger is used in the R744 system to obtain refrigerant- and cycle-specific
performance improvements that are not available with R410A (see Boewe et al., 19993, 2001).

The dimensions of the prototype heat exchanger are given in Table 5.1.
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Table 5.1 Dimensions and characteristics of outdoor heat exchanger

Outdoor coil Characteristics
Finned length (m) 0.626
Finned height (m) 0.85
Face Area (cm2) 5321
Core Depth (cm) 1.65
Core Volume (cm3) 8780
Airside Area (m2) 15.02
Refrigerant Side Area (m2) 1.362
Fin Density (fins/in) 23
Louver Angle (°) 23
Number of Ports 11
Port Diameter (mm) 0.79
Web Thickness (mm) 0.70
Wall Thickness (mm) 0.43
Fin Height (mm) 8.89
Fin Thickness (mm) 0.10
Louver Height (mm) 75
Louver Pitch (mm) 0.99
Number of Louvers 2x6
Louver redirection Length (mm) 17
Louver entry Length (mm) 17

5.4 Heat transfer and refrigerant pressure drop test under dry surface condition
Results of experimentsin heating mode (Richter et al. 2000) were analyzed using a validated simulation

model (refer to Chapter 1) and revealed alarge discrepancy between cal culated and measured outdoor coil

performance. Table 5.2 shows the test conditions and Figure 5.4 shows the discrepancy.

Table 5.2 Test conditions for outdoor heat exchanger in heating mode

R744 inlet pressure, Peri 30 ~ 45 bar

Air inlet temperature, Teai 1~17°C

CO2 mass flow rate, mr 13 ~25¢g/s

Airflow rate, mair 500 ~520 g/s (Reynolds number 70)

The air-side heat transfer coefficients were calculated from the experimental data, assuming that refrigerant
heat transfer coefficient is known and refrigerant flow is uniformly distributed through the heat exchanger. Figure
5.4 shows that the cal culated air-side heat transfer coefficients are about 50% of those cal culated using Chang &
Wang (1997) correlation. An analysis of experimental uncertainties (see Table 5.3) ruled out measurement errors.
Yinet al. (2000) compared the predicted results with over 300 experimental data for atranscritical CO, gas cooler in
amobile air conditioning system, finding that the model predicted the gas cooler capacity within+2% using the
Chang & Wang (1997) correlation. Our prototype heat exchanger served as a gas cooler during about 70
experiments in cooling mode, so the model was compared to these data, yielding favorable agreement as shown in

Figure5.5. Sincethe air side heat transfer resistance is dominant for gas coolers, the favorable agreement indicated



that refrigerant-side phenomena must be responsible for the discrepancy noted in Figure 5.4. Since refrigerant-side
resistance for CO2 evaporating in microchannelsis extremely small, the evidence pointed to refrigerant

mal distribution. Subsequently, afew frosting experiments revealed uneven frosting patterns on all three slabs, with
slab B displaying severe maldistribution, which suggested that the refrigerant side distribution for each slab was

different.
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Figure 5.4 Comparison of calculated air side heat transfer coefficient with Chang & Wang correlation

Table 5.3 Uncertainties of measured and calculated parameters

Watt transducer +0.5%
Glycol mass flow rate +0.2%
Refrigerant flow rate +0.2%
Pressure transducer +0.2%
Thermocouple +0.5°C
Calculated air-side heat transfer coefficient +10%
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Figure 5.5 Comparison of calculated and measured capacities when the test heat exchanger served as a gas
cooler in cooling mode
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To explore this further, several experiments were conducted on slab B (middle one) and slab A (right one)
separately by reducing compressor speed to reduce the system capacity. In each experiment, a dehumifier was used
to maintain dry surface conditions for comparison with published correlations. Performance of the two heat
exchangers was compared at two face velocities, while efforts were made to maintain identical refrigerant flow

rates, refrigerant inlet temperatures, and air inlet temperatures

Table 5.4 Test conditions for the slab A and B

At low airflow rate, one blower and one nozzle were used
Teai(°C) Re Vair(mM/s) Teri(°C) mr(g/s)
Slab A 16.3 71 1.04 8.5 24.9
Slab B 15.6 70 1.02 7.8 23.7
At high airflow rate,two blowers and three nozzles were used
Teai(°C) Re Vair(mM/s) Teri(°C) mr(g/s)
Slab A 12.5 211 3.1 7.0 28.2
Slab B 12.8 211 3.1 7.2 29.0

Figure 5.6 shows the chamber and airside capacity agree within 5%. Experiments were conducted at eight
conditions, including two pairs (at high and low face velocities) data points where equal refrigerant flow rates,

refrigerant inlet temperatures, and air inlet temperatures were maintained for the two heat exchangers.
7
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Figure 5.6 Energy balance agreement

Table 5.5 shows the measured and cal cul ated refrigerant pressure drop in the tubes. (The pressure dropsin
header are neglected in these calculations.) Independent analysis of asimilar prototype heat exchanger from the
same batch (by Yinet al., 2001) using nitrogen showed that the pressure dropsin the header were (as expected)
small, but overall pressure drop was much greater than calculated by the model. Subsequent disassembling of the
heat exchanger reveal ed that an average of four ports per tube were blocked and that the actual port diameter was

0.74mm. The asterisk reflects the effect of those assumptions for these heat exchanger slabs.
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Table 5.5 Refrigerant pressure drop comparison between slab A and B

At low airflow rate, one blower and one nozzle were used

mr(g/s) Dper(kPa) Dperca(kPa) Dperca(kPa)’
Slab A 249 162.0 48.9 134.2
Slab B 23.7 138.9 48.7 133.8

At high airflow rate, two blowers and three nozzles were used

mr (g/s) Dper(kPa) Dperca(kPa) Dpercaj(kPa)*
Slab A 28.2 174.8 57.9 156.5
Slab B 29.0 207.7 70.5 192.0

Table 5.6 compares measured capacities and calculated air side heat transfer coefficients for slabs A and B.
Chamber capacity was used to back out air side heat transfer coefficients assuming that four ports per tube were
blocked and the port diameter was estimated 0.74mm. It can be seen that the performance for slab B was much
worse than slab A. Moreover the calculated air side heat transfer coefficients for slab A were close to those
calculated by Chang & Wang correlation. The disagreement between the model predictions and experimental data
for slab B supports the hypothesis that the poor outdoor coil performance may be due to refrigerant maldistribution
inslab B.

Table 5.6 Capacity and air side heat transfer coefficient comparison between slab A and B

At low airflow rate: (one blower and one nozzle were used)

Qchamber(kW) Qair(kW) hChang&Wang hoal
Slab A 3.86 3.70 86.5 84.7+28.9
Slab B 2.92 2.73 85.6 32.2+3.9

At high airflow rate: (two blowers and three nozzles were used)

Qchamber(kW) Qair(kW) hChang&Wang hcal
Slab A 5.84 6.11 150.0 113.9425.2
Slab B 4.16 3.97 150.3 45.9+5.3

5.5 Frosting test
To further understand the nature and ext ent of refrigerant side causes of capacity degradation in the

individual slabs, two cameras were installed to record the frosting process, one in front, and the other behind the
heat exchanger. The photos were taken every ten minutes, and all other datawere recoded at one-minute intervals.
The compressor speed and the expansion valves were adjusted initially to bring the refrigerant temperature slightly
below 0 °C. Frost accumulation was observed and heat exchanger performance degradation was monitored until the
accumul ated frost raised the surface temperature to the dew point of the outdoor air. Then the frost accumulation
process stopped. The compressor and valves were adjusted again to further reduce the evaporating temperature and
restart the frosting process. Slab A was tested first. It iswell known that the flow distribution is strongly affected by
the refrigerant inlet mass flux and quality, which influences the flow pattern in the inlet header. To study the effect
of inlet quality, two different inlet qualities were tested with same air inlet temperature, air inlet humidity, air flow
rate, and refrigerant inlet flow rate.

In thefirst experiment for slab A with higher inlet quality at approximately 0.3, the air inlet temperature
was kept constant at 4.5°C, and the air inlet relative humidity fluctuated around 55+5%. Air flow rate was allowed



to decrease as frost accumulated. The refrigerant inlet flow rate was about 20 g/s and mass flux in the header was
about 170 g/s-nf. The compressor frequency was 44Hz at the beginning. During the experiment, the expansion
valve and compressor were adjusted four times: 50, 100, 140, and 220 minutes after the experiment started. Figures
4 to 6 show the change of important operating variables during the frosting process. The discontinuities reflect

periods when the expansion valve and compressor were adjusted.
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Figure 5.7 Air flow rate and average air pressure drop across the slab A with higher inlet quality (approximately
0.3), keeping blower speed constant
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Figure 5.8 Refrigerant inlet and outlet temperature for slab A with higher inlet quality (approximately 0.3)
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Figure 5.9 Sensible capacity for slab A with higher inlet quality (approximately 0.3)



Figure 5.7 shows the air flow rate and average airside pressure drop across slab A, which increased with
frost accumulation. The air flow rate was 0.52 kg/s at the beginning of the experiment and dropped to 0.40 kg/s at
the end. The average airside pressure drop was about 12 Pa at the start of the experiment, increased slowly to 40 Pa
after 100 minutes. Following further reduction of the evaporating temperature, more frost built up on all the passes
and the average airside pressure drop rapidly increased to 300 Pa at the end of the experiment. Figure 5.8 shows the
refrigerant inlet and outlet temperature differed by 1~2 °C during the frosting process, which means that we had
two-phase at the exit in most of time, and probably fairly uniform temperature. The refrigerant inlet temperature was
alittle lower than 0 °C at the beginning of the experiment and dropped to approximately —15 °C at the end.
Originally, the air velocity at the bottom of the heat exchanger was about half of that at the top. The non-uniformity
of air velocity in vertical direction may have some effect on frosting at the start of the experiment. However,
refrigerant maldistribution created non-uniform frost deposition, which changed air velocity profile. Frosted areas
(with liquid refrigerant) obstructed air flow, increasing air velocities through initially unfrosted regions (where vapor
is superheated). That effect increased heat transfer in that non-frosting region and delayed subsequent frosting in that

area. Figure 5.9 shows the decrease of sensible capacity during the experiment calculated asfollows:

Qun =My, Cp~ (Tai : Tao) (5.1)

Figure 5.10 shows the frosting photos for slab A with higher inlet quality at approximately 0.3. The photos
in Figure 5.10 show that the frosting pattern on the back side of the heat exchanger was the same as that on the front
side. Thisindicates that the port-to-port maldistribution is difficult to characterize due to the high thermal
conductivity of the aluminum heat exchanger. Another observation isthat there was less frosting on the back side of
the heat exchanger than the front side, which can be explained by the decreasing frosting potential from front to
back.

Frosting began in the last pass where the refrigerant saturation temperature was lowest due to pressure drop
(Figure 5.10, 30 min). After further reducing the evaporating temperature, the frost began to build up on the other
passes. |n general, the photographs show that the vertical header can produce afairly uniform refrigerant flow
distribution. However it is clear that in some passes some tubes (usually at the bottom or top of each pass) receive
lessliquid than others, resulting in superheating (hence less frosting) near the tube inlets or outlets. It becomes
visible firstin exit passes (Figure 5.10, 30 min) and later evenin first passes (Figure 5.10, 160 min and 240 min).
The maldistribution in the first two passesis hard to detect due to low refrigerant quality in the header. In the third
and fourth passesit is obvious that the tubes at the top of the passes received less liquid dueto strong effect of
gravity. Moving downstream refrigerant quality in the header increases and so does the velocity. Inertial forces play
more significant role in determining the flow distribution. As a sequence, we see tubes at the top and bottom of the
last pass were fed with less liquid. (Figure 5.10, at 160 and 240 min). The balance between inertial, gravitational and
shear forces will determine whether liquid will reach the end of the header section. The following analysis, based on
some very crude analytical approximations and ignoring the shear forces, yields some insightsinto the factors
affecting refrigerant flow distribution in the headers of microchannel evaporators.

Since the sysem was equi pped with a well-instrumented suction-liquid line heat exchanger, it was possible

to determine the quality of the mixture leaving the evaporator. In the first experiment it varied from 0.30 at the inlet



to 0.95 at the evaporator exit. The two-phase flow in the header isfar from being fully developed, but even if it
were, its maximum mass flux of 170 g/nf-swould place it in the gravity-dominated regime in each of the headers,
with its velocity ranging from aminimum of O at the top and bottomof each header segment, to reaching a
maximum at the point in the header where the flow switches from exiting to entering the tubes.

Continuing with the fiction of homogeneous flow, and assuming constant heat flux over the entire
crossflow heat exchanger, we can roughly estimate the maximum velocities in each header section: 0.7, 0.9, 1.0, 1.2,
1.4 and 1.6m/s, respectively. Using these maximum velocities and equating kinetic to potential energy, we find that
the fluid in the lower (low quality) headersmay lack the momentum required to carry it to the top (the next baffle).
Thereforeit is possible that liquid refrigerant accumulates in the lower-quality headers, while bubbles churn the flow
and propel droplets upwards where they are drawn into the tubes. The resulting frosting patternsin the lower
headers are more uniform in the second experiment shown in Figure 5.11 where quality varied from 0.15-0.85, as
would be expected.

The photosin Figure 5.10 show that the higher the quality in the header, the more uneven the frosting
becomes and the more obvious maldistribution is. Inthe headers near the top of the heat exchanger, the kinetic
energy islarge enough to propel the droplets 10-15 cm vertically, theoretically enough to reach the upper baffles.
Perhaps due to droplet size distributions, insufficient liquid reaches the top tubes, asis clearly visible in both
experiments. Moreover, partially superheated tubes are also visible at the bottom tubes of the upper headers,
suggesting that thereis no column of standing liquid in these higher-vel ocity headers, and that liquid droplets bypass
the lower tubes before turning into the middle ones. Thisisto be expected because the liquid-vapor density ratio for
R744 is about 9; the angular momentum required for liquid to make a 90-degree turn is 9 times greater than for
vapor. Near the center of the pass, the velocity islower by afactor of 2, and the centripetal force isreduced by a
factor of 4, making it easier for the dropletsto turn into the tubes at the center of the pass.

Since the flow is actually nonhomogeneous, not fully developed, and not steady, further understanding of
the distribution mechanisms await the development of more sophisticated measurement techniques. For example
Peng et al. (2002) are studying two-phase flow distribution in transparent horizontal header using a phased Doppler
particle analyzer to measure velocity, size and distribution of droplets. They found that when the refrigerant inlet
quality reached 0.8 in upward flow, “vapor disturbance effects’ become significant, and the vapor hindered the
liquid from entering the first channels.

Figure 5.11 shows the frosting photos for the second experiment conducted at the same refrigerant flow
rate, where theinlet and exit qualities were lower (approximately 0.1 at the inlet and 0.85 at the outlet), and the
distribution correspondingly better. The air inlet temperature in the second experiment was kept constant at 5.5 °C,
and the air inlet relative humidity fluctuated around 55+5% while the air flow rate dropped from 0.52 kg/s at the
beginning of the experiment to 0.36 kg/s at the end. The maldistribution was not obviousin the first four passes. In
the last pass the top and bottom tubes received less liquid as discussed above. Figures 5.12 and 5.13 show the
refrigerant temperature and sensible capacity from the second experiment.

Figure 5.14 shows the frosting photos for slab B (middle one), for which the measured performance under

dry conditions was much worse than the other two slabs. A manufacturing defect was suspected, and the frosting



experiments tend to confirm it. Even at the beginning (Figure 5.14, 30 min) some unexpected frosting patterns are
visible. It is stronger at 90 min. It is obvious that there isliquid in the first and second passes. The third pass has less
liquid than expected. And thereis almost no frost at all in the fourth pass indicating a deficiency of liquid. However,
liquid is present in the fifth pass and disappears again in the sixth pass. It appears that the baffles between the third
and fourth passes as well as fifth and sixth passes were improperly installed, allowing liquid to bypass an entire set
of tubes. Asaconsequence, there is asignificant region of superheated vapor in the fourth and six passes which
causes the deterioration of the performance of the whole coil. At some point the heat exchanger will be cut apart to

confirm this hypothesis.
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Figure 5.10 Frosting of aslab A (right slab) with higher inlet quality at approximately 0.3
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Figure 5.11 Frosting of aslab A (right slab) with lower inlet quality at approximately 0.1
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Figure 5.12 Refrigerant inlet and outlet temperature for slab A with lower inlet quality (approximately 0.1)
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Figure 5.13 Sensible capacity for slab A with lower inlet quality (approximately 0.1)
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5.6 Conclustion
Two-phase flow distribution of CO, in a microchannel evaporator with vertical header using frosting has

been investigated. It appears that vertical headers can produce afairly uniform refrigerant flow distribution. In
some passes, the tubes near the bottom or top usually received less liquid than others, and the location of these tubes
is determined by the balance between inertial, gravitational and shear forces. The refrigerant flow in the low-quality
headers was gravity dominated, and moving downstream, inertial forces in the headers play more significant rolein
determining the flow distribution. The refrigerant flow distribution, asindicated by frost patterns, is more uniform
when theinlet quality islow. Refrigerant maldistribution created a non-uniform frost deposition, which increased
air velocity through regions where the surface was initially unfrosted (e.g. where vapor was superheated). That
effect increased heat transfer in non-frosting region and slowed down subsequent frosting in that area.

A manufacturing problem (faulty bafflesthat created refrigerant flow shortcuts) was clearly identified,
demonstrating that froging technique is an inexpensive and efficient tool to visualize and characterize refrigerant

mal distribution problems.
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